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Instability analysis for a centrifugal pump
with straight inlet pipe using partially
averaged Navier–Stokes model

Weixiang Ye1 , Zhongdong Qian2 , Renfang Huang3,
Xiaojun Li4 , Zuchao Zhu4 and Xianwu Luo1

Abstract

The current study numerically investigates the flow instability under several part-load conditions in a centrifugal pump

with a straight inlet pipe to explore the underlying relationship between a positive slope phenomenon and internal flow

using a partially averaged Navier–Stokes model. The model was validated by comparing the hydraulic performance and

averaged flow in the impeller between the numerical results and experimental data of a tested pump. The internal flows

in pumps have been intensively investigated based on Batchelor vortex family, Rayleigh–Taylor criterion, entropy gener-

ation rate, and energy equation to analyze the flow instability from different aspects. The simulation results using partially

averaged Navier–Stokes model are acceptable due to the good agreement with the experimental data for the tested

pump. No matter the geometry of the inlet pipe, the pre-swirling flows in the inlet pipe are in the convective instability

region. Under the part-load condition of �¼ 0.5�bep, the axial vorticity coefficient is affected by the geometry of the inlet

pipe. However, under the part-load condition with rotating stall, e.g. �¼ 0.78�bep, the flow in the inlet pipe is affected by

the unstable flow in the pump impeller. For the pump with a straight inlet pipe, the vortex inside the blade-to-blade

passage is in a stable state according to Rayleigh–Taylor criterion under the condition of �¼ 0.5�bep. However, the

vortex in the blade-to-blade passage is in an unstable state due to centrifugal instability under those operation conditions

with rotating stall cells in the impeller, and the dominant oscillations are dependent on the propagation of rotating stall

cells. Finally, head loss analysis based on energy equations elucidates that turbulent kinetic energy production term is

predominant in the head loss in pump impeller. The present results are helpful for better understanding of the unstable

flows and positive slope phenomenon for centrifugal pumps.
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Introduction

Substantial phenomena associated with flow instabil-
ity characteristics have been investigated in decades.
In some present industrial applications such as the gas
turbine combustors,1 draft tubes of Francis tur-
bines,2,3 guide vanes in pump-turbines,4,5 and centri-
fugal pumps,6,7 instability phenomena focused on
turbulence swirling flows are quite common in gen-
eral. It is well known that the flow instability investi-
gation concentrated on revolving fluid flow was
initially introduced by Lord Rayleigh8 in 1917.
However, the complex components of the velocity
severely complicate research on the mechanism of
swirling flow during a period of time.9 Nearly half a
century ago, Batchelor10 proposed the velocity pro-
files in the steady trailing line vortices and gave a

similarity solution for a swirling wake flow in a trail-
ing vortex far downstream. After several decades’
efforts, the instability analysis based on the
Batchelor’s similarity solution has been widely utilized
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and even developed. For example, Lessen et al.11

believed that the stability of the flow could be char-
acterized by a swirl parameter q and azimuthal wave
number n. Delbende et al.12 pointed out that the abso-
lute and convective instabilities in the Batchelor
vortex could be determined by an external flow par-
ameter. Galvan et al.13 applied three different vortex
equations for representing the inlet velocity profiles of
a cone diffuser based on the Batchelor vortex family
and presented an analysis of the influence of the swirl
number on the behavior of the optimization process
successfully. It is identical among these studies that
non-dimensional velocity components i.e. radial, azi-
muthal, and axial velocity components are established
from the ‘‘Batchlor vortex family.’’ Although the
swirling flow downstream a runner or in a draft
tube has been extensively investigated for instability
analysis,2,3,13 there are few studies presenting the tur-
bulence flow upstream the impeller inlet in a centrifu-
gal pump based on the Batchelor vortex family. In
addition, the complex vortex structures upstream the
impeller complicate the flow structures in the impeller,
which turns out to be much difficult to reveal the
mechanism of the flow instability. Therefore, the ana-
lysis on flow instability upstream the impeller is
urgent to be carried out.

A centrifugal pump is a kind of power facility
which is applied to various technology fields like aero-
space, power plants, agriculture, biomedicine, and
some other fields. In the field of fluids engineering,
the pump-storage schemes are regarded as the most
promising energy storage technology recently, meet-
ing the requirements for different electricity grid
loads.14,15 Therefore, it is of great significance to guar-
antee the safety and stability of the units, and much
attention has been attracted to the instability phe-
nomena as well as its dynamics mechanisms recently.
However, under the part-load conditions of the
pumps, the non-equilibrium instantaneous radial
forces could also be induced by the blade-tongue
interference and non-axisymmetric flow structures.16

These would result in many adverse phenomena such
as noise and intense vibrations.17

In the past, a number of researches17–20 have
focused on the instabilities within the centrifugal
pumps by means of experiment and computational
fluid dynamics (CFD). Among those papers, entropy
generation defined in Yan et al.17 is regarded as a
parameter to measure the energy loss in a pump.
Results indicate that the areas with high entropy gen-
eration are spotted at the boundary layer around the
blades, blade trailing edge, and volute region. Dou
and Jiang18 applied the energy-gradient theory to ana-
lyze the flow instability in a centrifugal pump. Results
showed that with the decrease of flow rate, the high
energy loss was observed near the impeller exit and
casing tongue. As for the experimental research, Wo
and Bons19 investigated the off-design condition per-
formance in a centrifugal pump experimentally.

Results indicated that the adverse flow near casing
tongue and the destabilizing effect of diffusing pipe
would induce the onset of surge. Krause et al.20

observed different stages of the rotating stall cells in
a radial pump by using particle image velocimetry
(PIV). He captured a spatially stable rotating stall
cell under certain flow discharge, which started to
rotate inside the impeller if the flow rate decreased
further.

Although the experimental technologies have been
successfully used in many studies, it is still inadequate
to explore the mechanics of the flow instability by
means of some traditional measurement technologies
due to the complexity of fully developed turbulence.
In the past century, some basic flow analysis such as
transition from laminar to turbulence, shear flow, and
boundary layer separation has been analyzed experi-
mentally.21 Nevertheless, it is still tough to capture
detailed information in some complex flow structures.
With the development of CFD, numerical simulation
of turbulent-separated flows has been approved to be
a valuable tool in instability analysis.22 Although the
low-cost Reynolds-averaged Navier–Stokes (RANS)
models have been utilized successfully in many indus-
trial configurations, it still shows defect in the accur-
ate predictions in massively separated flows23 and
could overestimate the viscous effects.24 Direct
numerical simulations (DNS) resolve all the turbu-
lence structures instead of modeling of them.
Nevertheless, it is impractical to handle industry tur-
bulence flow with DNS,23 and the model is only
applicable at low Reynolds numbers.25 Another kind
of popular turbulence model is large-eddy simulation
(LES), which resolves the large-scale structures and
models the small-scale turbulence. Although more
universal behavior is available, the formidably fine
meshes and computational cost are too high for com-
plex applications at high Reynolds numbers.25

Therefore, it turns to be a challenging task to
choose an applicative turbulence closure method for
a turbulence swirling flow. Several relevant researches
on flow instability have been conducted with different
turbulence closure models, including the realizable
k–" model in analysis of flow in a double volute cen-
trifugal pump,17 RNG k–" model utilized in swirling
flow in a model combustor,26 SST k–! model for
swirling flows analysis,27 LES model applied in the
cavitation analysis,28 and partially averaged Navier–
Stokes (PANS) model used in simulations of flow in a
draft tube of a Francis turbine.29

As mentioned above, PANS model is a relatively
low-cost approach proposed recently by Girimaji,
which is regarded as a bridge from RANS to DNS
by two parameters: the unresolved-to-total ratios of
kinetic energy (fk) and dissipation (f").

30 Girimaji per-
formed a PANS model based on the k–" formulation
for the simulation of flow past a circular cylinder with
different value of fk.

31 The same simulation was also
performed by Lakshmipathy and Girimaji32 with
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different value of fk ranging from 0.5 to 1.0 in a low-
Reynolds number simulation. Results indicated that
the predictions with small value of fk coincide with the
experimental data and LES results. Liu et al.33 per-
formed a PANS model integrated by the RNG k–"
model to investigate the flow influenced by the non-
linear shear stress. Results showed that the nonlinear
PANS models were more reliable than linear PANS
methods. Since Wilcox’s k–! model34 behaves well in
near-wall region, a PANS model based on the k–!
model was proposed by Lakshmipathy and
Girimaji.35 Recently, Luo et al.23,36 developed a cur-
rent PANS model based on the SST turbulence
model37 with resolution control parameter fk spatially
varying and dynamically updated. Compared with the
k–! PANS model, the accuracy of SST PANS model
better matches with the experimental data. In add-
ition, the parameter fk is always kept a constant
value between zero and one in some conventional
simulations, which represents that the PANS model
would render to DNS and RANS, respectively. In
order to ensure the predictions accuracy as high as
possible according to the local grid distribution and
turbulence information, a spatially varying approach
on fk was proposed by Girimaji and Abdol-Hamid,38

and it has been used extensively.
Inspired by those relevant researches, the objective

in the current study is to validate the feasibility and
accuracy of PANS model applying in the unsteady
flow analysis for a centrifugal pump. In addition,
the comparison has also been conducted to investigate
the effect of inlet pipe with different geometry on
hydraulic performances and the internal flow for cen-
trifugal pumps, which has been seldom analyzed pre-
viously. Furthermore, based on the flow instability
analysis in a straight inlet pipe, this paper intends to
depict the relation between the internal flow and posi-
tive slope of pump performance. For better under-
standing, the energy loss analysis based on the
energy equation is presented as well.

Partially averaged Navier–Stokes model

The incompressible Navier–Stokes equations for the
instantaneous velocity (V�i ) and pressure (p) in a
PANS model are given in equations (1) and (2)
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where Vi is the partially averaged component and vi is
the total fluctuation component, shown in equation
(3). The subfilter scale tensor �(V�i , V

�
j ) is a generalized

central second moment

V�i¼Vi þ vi ð3Þ

Regarding the standard k–" model as a parent
model of PANS,31 the turbulence closure equations
are as follows
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where Pu is unresolved production term of ku, similar
with the corresponding RANS calculation. The values
of the model constants are C"1¼ 1.44, C"2¼ 1.92,
�k¼ 1.0, and �"¼ 1.3.39 Some other parameters are

�ku ¼ �k
f2k
f"

; �"u ¼ �"
f2k
f"

; C�e2 ¼ Ce1 þ
fk
f"
ðCe2 � Ce1Þ

ð6Þ

Two non-dimensional parameters fk and f" repre-
sent the unresolved-to-total ratios of kinetic energy
and dissipation, respectively, which are defined as

fk ¼
ku
k
, f" ¼

"u
"

ð7Þ

In high-Reynolds number simulations, the small-
scale dissipation is unlikely to be resolved,29 and f"
is set to 1.0. However, it is difficult to determine the
optimum value of the fk in advance. Girimaji and
Abdol-Hamid38 proposed a spatially varying function
in equation (8) to determine fk upon the local grid size
and turbulence length scale, which is similar to
Kolmogorov scale38

fk xð Þ ¼
1ffiffiffiffiffiffi
C�

p �

�

� �2
3

ð8Þ

where C� is a model coefficient and � is the Taylor
turbulence length scale, which is defined by �¼ k1.5/",
and � stands for the local grid size defined as
�¼ (�x*�y*�z)1/3.

To guarantee the value of fk between 0 and 1,29 a
modified formulation for fk is shown in equation (9)

fk xð Þ ¼ min 1,
1ffiffiffiffiffiffi
C�

p �

�
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3

 !
ð9Þ

Calculation methods

Computation domain

In a previous research,6 a tested pump with low spe-
cific speed was investigated previously using RANS
model coupling with SST k–! turbulence model to
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investigate the flow features in centrifugal pumps. Due
to the non-straight inlet pipe of the tested pump shown
in Figure 1, its internal flow is complicated, and
the recirculation, flow separation, and rotating stall
cells can be observed under part-load conditions.
According to the numerical results, the flow upstream
the impeller inlet of the tested pump is non-uniform
and is suspected to affect the flow instability in the
pump. In order to investigate the relationship between
the positive slope phenomenon and rotating stall cells
more clearly, a comparative model with a straight inlet
pipe is treated in this study to achieve a uniform flow
upstream impeller inlet. Note that the comparative
model and the tested pump have the same geometry
except for inlet pipe, which is non-straight inlet for the
tested pump and straight inlet for the comparative
model. For convenience, the tested pump having
non-straight inlet pipe is named as Pump A and it is
shown in Figure 1(a), and the comparative model
having straight inlet pipe is named as Pump A0 and it
is shown in Figure 1(b).

In the current paper, PANS method derived the
standard k–" model is employed for simulating the
flows in two centrifugal pumps with different inlet
pipes to capture the effect of the swirl flow upstream
impeller inlet. After mesh independence examination,
each computational domain is discretized with about
3.2 million hexahedral cells. The mesh generated for
all components is presented in Figure 2. Grid is
refined in the areas such as near-wall and the expan-
sion region.

Boundary conditions

For boundary conditions, mass flow rate is prescribed
at domain inlet, and static pressure is set according to
the experimental data at domain outlet. No-slip con-
dition, V�i ¼ 0, is imposed on all solid walls. A time
step of 3.33� 10�4 s, corresponding to the runner-
rotating angle of 2� per time step, is applied for
unsteady calculations. In addition, the max residuals
for numerical convergence of the unsteady calculation

Figure 2. Mesh generation for all components: (a) inlet pipe (Pump A); impeller; (c) outlet pipe; (d) inlet pipe (Pump A0);

(e) casing; (f) gap.

Figure 1. Computational domains for two centrifugal pumps with different inlet pipes. (a) Pump A; (b) Pump A’.
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at any flow rate are set below 10�6. Figure 3 gives the
distribution of the mass pressure imbalance at the
inlet domain under the condition of 0.78�bep (�bep
represents the best efficient point condition) to explain
the numerical convergence further. It can be noted
that the relative error of the mass pressure imbalance
is below 0.1%, which is regarded small enough to
reach a convergence.

Numerical simulations are completed using the
commercial CFD code ANSYS-CFX.

Results and discussion

In this section, the performance comparisons are first
conducted to validate the capacities of the current
PANS model for predicting the flow instability in the
pump. Then the detailed flows in the impeller inlet,
impeller, and outlet pipe are discussed as follows.

Performance comparisons

Pump A was installed and tested at the Key
Laboratory of Fluid Transmission Technology of
Zhejiang province, China. Main geometrical param-
eters for the pump are shown in Table 1. More

information can be found in Ye et al.6 The experimen-
tal data of the Pump A are available for comparison.

Several dimensionless parameters, head coefficient
 , flow coefficient �, pump efficiency �, and power
coefficient �in, have been defined as shown in equa-
tions (10) to (13)
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where Q represents flow rate, H is pump head, and Pin

is power input to pump shaft. R2, b2, and u2 are the
radius, blade width, and peripheral velocity at the
impeller exit, respectively.

The characteristic curves of two pumps are dis-
played in Figure 4. Note that the scattered black
marks are experimental data for Pump A, the red
lines are numerical results for Pump A, and the
blue lines stand for numerical results for Pump A0.
Several typical operation conditions are marked as
OPA�OPE in Figure 4(a), where OPA represents the
operation at �¼ 0.0113¼ 0.5�bep, OPB is �¼ 0.015¼
0.67�bep, OPC is �¼ 0.0163¼ 0.72�bep, OPD repre-
sents �¼ 0.0175¼ 0.78�bep, and OPE represents �¼
0.0225. Note that the best efficiency point locates at
�bep¼ 0.0225 for the Pump A based on the experimen-
tal data.

As shown in Figure 4, there is a reasonable agree-
ment between the numerical and experimental data
for Pump A. The positive slopes are perfectly cap-
tured at part-load conditions, e.g. OPA, OPB, and
OPD, the same operation conditions measured by
experimental data.6 The maximum relative error for
head coefficient is 4.27% under the operation condi-
tion of �¼ 0.0100, and the minimum relative error is
0.17% under condition of �¼ 0.0175. As for the effi-
ciency prediction, the maximum deviation is about
6.79% under condition of �¼ 0.0138, and the min-
imum deviation is about 2.97% at the best efficiency
point condition. It should be noted that the mechan-
ical loss such as friction loss is neglected in the simu-
lation. Thus, it is reasonable that the predicted head
or efficiency is relatively higher than the experimental
data. Therefore, the numerical results are not perfect
but still acceptable for the current research.

The results displayed in Figure 4 indicate that head
coefficient and efficiency of the Pump A0 are slightly
larger than that of the Pump A under the operation of
OPE. This is because the energy loss in the non-
straight inlet pipe of the Pump A is higher than that

Figure 3. Mass pressure imbalance distribution at the inlet

domain of the Pump A0.

Table 1. Main parameters of the Pump A.

Parameter Value

Impeller inlet diameter D1 56 mm

Impeller exit diameter D2 142 mm

Blade number 5

Shaft rotational speed n 1000 r/min

Flow rate at design point Qd 1.8 m3/h

Pump head at design point Hd 2.67 m

Ye et al. 5



in Pump A0. The same phenomenon can be also cap-
tured from OPC to OPE, where the input power of
Pump A is larger, and efficiency is lower than that
of Pump A0. At the operation of OPB, which locates
at the positive slope for the Pump A0, pump head
becomes different for two pumps. Around the oper-
ation of OPA, the hydraulic performances are almost
the same in both pumps. These results indicate that
increasing the flow rate may raise radial pressure gra-
dient at the section of non-straight pipe inlet (Pump
A0), which can cause secondary flow. In addition, this
condition produces undesired flow at the pump impel-
ler inlet and, consequently, has negative effects on
pump performance.

Figure 5 shows the comparisons of the internal
flow in the pump impellers under three part-load con-
ditions, i.e. �¼ 0.5�bep, �¼ 0.6�bep, and �¼ 0.78�bep.
Note that the images at left column are PIV results,
and the middle ones are numerical results for Pump
A. The right pictures are numerical results for Pump
A0 in order to compare the different flow features
resulted from the different geometries of inlet pipe.

As for the results of Pump A, although the scale of
separation flow is a little over-estimated by the numer-
ical simulation, it is believed that the averaged flow
such as velocity contour and streamlines on the mid-
span section of the impeller blade is in good accord-
ance with the measured data. These results confirm
that current PANS model is suitable to predict the
internal flow in a centrifugal pump. Flow separation
occurs at each blade suction side owing to large inci-
dence angles.6 Though the streamlines seem somehow
smoother with the increase of flow coefficient, e.g. the
flow in blade-to-blade passage A, flow separation still
remains strong in the impeller under three part-load
conditions.

Due to the different geometries of inlet pipe, the
velocity distributions and streamlines of the Pump A0

are different from that of Pump A. Under the condi-
tion of �¼ 0.5�bep, all blade-to-blade passages for the
Pump A are blocked off by the flow separation, while
the flow separation at blade-to-blade passage A and B
is very slight for Pump A0. Under the condition of

�¼ 0.78�bep, the flow separation at blade-to-blade
passage A for the Pump A0 is much slighter than
that for Pump A. However, the large-scale flow sep-
aration still occurs in other blade-to-blade passages,
and the flow instability is basically the same for both
pumps. Detailed comparisons will be carried out in
the following texts.

Further comparison is carried out for the absolute
circumferential velocity profile under the operation
condition of OPD along the reference line S1, which
is very close to the blade pressure surface in blade-
to-blade passage A as shown in Figure 5. Note that
r/R¼ 1 means the location at impeller exit. Since the
condition of OPD is the operation having positive
slope, the flow in the pump impeller is unstable, and
there is almost the largest discrepancy between the
simulation and the experiment for the pump perform-
ance (shown in Figure 4(a)). However, the predicted
tendency of the velocity profiles shows good accord-
ance with the experimental data. As shown in
Figure 6, vu increases along the radial direction and
drops near the impeller exit due to the presence of
flow separation. Compared with the steep drop of vu
for Pump A, the drop of vu is alleviated at impeller
exit for the Pump A0.

Basing on these comparisons, the present simula-
tion accuracy is acceptable. Further improvement will
be carried out in the further study.

Impeller inlet conditions

Having validated the capacities of the current PANS
model, detail analyses on the impeller inlet are carried
out in this subsection.

Since the Batchelor vortex could satisfactorily repre-
sent the velocity field of trailing vortices superimposed
axial flow,10 the swirl flow in the draft tube of a Francis
turbine was successfully investigated.40 Similar to a
draft tube, impeller inlet is also the stationary compo-
nent for turbomachines. Despite researches on the swirl
flow in the inlet pipe are seldom reported, the averaged
velocity profiles, except for near-wall shear layer, can be
approximated by Batchelor vortex family.

Figure 4. Characteristic curves of two pumps: (a)  –�; (b) �–�; (c) �in–�.
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In a cylindrical coordinate (r*, 	*, z*) (for coord-
inate z*, downstream is defined as the positive direc-
tion), the similarity solution of velocity profiles is
given by equations (14) to (16), representing the

radial, azimuthal, and axial velocity components,
respectively

U� ¼ U�ðr�Þ ¼ 0 ð14Þ

V� ¼ V�ðr�Þ ¼
��cR

�

r�=R�
1� e� r�=R�ð Þ

2
h i

ð15Þ

W� ¼W�ðr�Þ ¼W�1 þ W�c �W�1
� �

e� r�=R�ð Þ
2

ð16Þ

where W�1 is the axial velocity at the inlet section of
inlet pipe, W�c is axial velocity along the centerline, ��c
is the rotation rate along the axis, and R* is radius of
vortex core.

As mentioned by Lessen et al.,11 the non-dimen-
sional mean velocity profiles can be transferred to
equations (17) to (19)

U ¼ UðrÞ ¼ 0 ð17Þ

V ¼ VðrÞ ¼
q

r
1� e�r

2
h i

ð18Þ

W ¼WðrÞ ¼ aþ e�r
2

ð19Þ

Figure 5. Velocity contour and streamlines on mid-span section under three part-load conditions: (a) �¼ 0.5�bep; (b) �¼ 0.6�bep;

(c) �¼ 0.78�bep.

Figure 6. Distributions of absolute circumferential velocity.
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where r¼ r*/R*, q¼ (��cR*)/�W*, a¼W�1/�W*,
and �W*¼W�c �W�1. Specially, q and a are the
swirl ratio and external axial velocity.

According to Zhang et al.’s work,3 the flow is a
coflowing jet if a> 0, a coflowing wake if a<�1,
and a counterflowing jet or wake if � 1< a< 0. The
flow is under absolute instability (i.e. AI) region if the
counterflowing jet or wake occurs, which indicates
that the perturbation will propagate upstream or
downstream, resulting in absolute instability. For
cases of a> 0 and a<�1, the flow is under convective
instability (CI) region.

Figure 7 defines a reference section perpendicular
to pump axis (marked by ‘‘RP’’) and a reference line
parallel to pump axis (marked by ‘‘RL’’). These will
be used for analysis in the following text.

Figure 8 shows the distribution of parameter a and
axial vorticity coefficient !z profiles along RL under
two conditions in both pumps. The non-dimensional
parameter !z is defined as

!z ¼
2��cD

�

V�0
e�r

2

ð20Þ

where D* is diameter of inlet tube, velocity scale V�0 is
the averaged velocity at the inlet tube, i.e. V�0¼ 4Q*/
�D*2, and Q* is the volume flow rate.

The results in Figure 8 depict that the Batchelor
vortex in the inlet pipe is always in the CI region
because the values of the parameter a always remain
positive in both two part-load conditions, OPA and
OPD. This indicates that the instability in the inlet
pipe would not propagate both upstream and down-
stream. In both pumps, the axial vorticity !z is
induced by the ‘‘pre-swirling’’ effect by the rotation
of the impeller. Further, the axial vorticity !z
increases as the fluid flows downstream under the con-
dition of OPD. The tendency of the parameter a and
axial vorticity coefficient !z are almost the same under
the condition of OPD. That means the flow in the inlet
pipe is more affected by the unstable flow in pump
impeller during this operation condition. However,
under the condition of OPA, the averaged value of
axial vorticity coefficient in the Pump A is larger
than that in the Pump A0. This is due to different
geometries of the inlet pipe.

Further research on the pressure oscillations under
the condition of OPD in Pump A0 is carried out in
Figure 9. The corresponding monitoring points are
defined in RP section in Figure 7. In addition, the
non-dimensional parameter, pressure coefficient, is
defined in equation (21)

Cp ¼
pi � p

0:5�u22
ð21Þ

where pi presents the instantaneous value of static
pressure at a monitoring point and �p is the averaged
pressure.

As shown in Figure 9, the results indicate that the
dominate frequency in Pump A0 is the same as the
frequency of impeller rotation, fn. Thus, the low-

Figure 8. Distributions of external axial velocity and axial vorticity coefficient of Batchelor vortex under two part-load conditions:

(a) OPA; (b) OPD.

Figure 7. Location of the reference section and reference line.
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frequency pressure oscillation induced by rotating
stall6 in the impeller does not occur in the inlet pipe,
and the internal flow in the straight inlet pipe is under
stable state. However, the results of the pressure oscil-
lations for the Pump A are much more complicated,
with lower frequency components (not shown here).

Hence, straight inlet pipe may eliminate the unstable
flow upstream the impeller. This fact is helpful to
reveal the mechanism of flow instability in the impel-
ler more clearly.

Impeller

Since the flow instability analysis in the impeller of the
Pump A has been investigated in our previous
research,6 the instability characteristics in the Pump
A0 is mainly discussed in this section to conclude the
interaction of positive slope phenomenon and internal
flow information with different geometries of the
inlet pipe.

Propagation of rotating stall cells. Under part-load condi-
tions, the propagation of rotating stall cells is quite
common in guide vanes and blade-to-blade passages
for centrifugal pumps. To illustrate the evolution of
rotating stall cells in Pump A0, the unsteady results of
the flow coefficient � during impeller rotation under
four part-load conditions are displayed in Figure 10.
Some instantaneous vorticity-z contours at the mid-
span section are also shown in Figure 11. Note that
the Tn in the figures means one period of impeller
rotation, and the locations of blade-to-blade passage

Figure 10. Temporal evolution of flow coefficient in Pump A0 under four typical part-load conditions: (a) OPA; (b) OPB; (c) OPC;

(d) OPD.

Figure 9. Pressure fluctuations at monitoring points under

condition of OPD.
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Figure 11. Instantaneous vorticity-z at mid-span section in Pump A0 under four typical conditions: (a) OPA; (b) OPB; (c) OPC;

(d) OPD.
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A-E are clarified in Figure 5. In the following text,
blade-to-blade passages C, D, and E are simplified
as PC, PD, and PE, respectively.

The following can be observed as shown in Figure 10:

1. Under the condition of OPA, the flow rate coeffi-
cient � in the blade-to-blade passage PC is near
zero due to the great blockage by the flow separ-
ations as shown in Figure 5(a). The flow rate in the
blade-to-blade passage PD is always positive,
while that in the blade-to-blade passage, PE is
reverse flow. Thus, the flow at this operation is
relatively stable.

2. Under three other conditions, the flow in all blade-
to-blade passages oscillates greatly, and the flow
oscillation is the largest under the operation OPD,
which means the internal flows are unstable under
those operations. The reverse flow shifts in differ-
ent blade-to-blade passages at different time
instants. For OPB, the reverse flow first occurs in
the blade-to-blade passage PC. After several peri-
ods of impeller revolution, the reverse flow with
small-scale occurs in the blade-to-blade passage
PE and PD in sequence.

3. It is clear that the reverse flow with large-scale
does not occur in the same blade-to-blade passage.
Under the condition of OPA, there is a reverse flow
in blade-to-blade passage PE. Under the operation
conditions of OPB and OPC, the reverse flow
occurs in the blade-to-blade passage PC. Under
the operation OPD, the reverse flow occurs in the
blade-to-blade passage PE.

Figure 11 shows the impeller flow visualized by
instantaneous axial vorticity distribution on the mid-
span section of impeller under four typical conditions,
from OPA to OPD. Five impeller revolution circles
ranging from t¼ 26Tn (1.56 s) to t¼ 31Tn (1.86 s) are
selected for analysis.

It is noted that under the condition of OPA, the
blade-to-blade passage PE is totally blocked off near
blade leading edge by vortices, and the blockage
remains almost unchanged during this period as
shown in Figure 10(a). Meanwhile, the blockage by
vortices is also severe in the blade-to-blade passage
PC under this operation. Results clearly observe the
revolution of vortical flow in the blade-to-blade pas-
sage under three conditions: OPB, OPC, and OPD.
Under these conditions, the size and position of the
vortices are marked in a rectangle box. Under the
operation OPD, the periodic state of rotating stall
cells in the blade-to-blade passage PC captured by
the unsteady numerical calculation can be divided
into several typical stages, i.e. vortex inception
(t1¼ 26Tn), development (t¼ 27Tn, t¼ 28Tn), split
(t¼ 29Tn), decay (t¼ 30Tn), and shedding (t¼ 31Tn).
The rotating stall behavior in Pump A0 shows the
similar unstable flow feature with the results of
Pump A.6 Thus, under three conditions having

positive slope, the vortical flow in the impeller devel-
ops from 26Tn to 31Tn.

It is well acknowledged that the propagation of
rotating stall cells induces the pressure fluctuations
with low frequency under unstable operation
conditions.

The standard deviation of pressure fluctuations,
which is defined in equation (22), is utilized for further
investigating the pressure fluctuations intensity in the
impeller. Results between two pumps are plotted in
Figure 12

Cpsd ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1
N

PN
i¼1

p x, y, z, tið Þ � p x, y, z, tð Þ
� �2s

1
2 �u

2
2�D2b2

ð22Þ

where N is the number of time steps and p(x,y,z,ti) is
instantaneous pressure.

In our previous study,6 the conditions of OPA and
OPD in Pump A are under the positive slope regions,
whereas the condition of OPA in the Pump A0 is under
the normal condition. As shown in Figure 12, the dis-
tributions of CPsd in the Pump A are similar under the
conditions of OPA and OPD, indicating that strong
pressure fluctuations are captured on the mid-span
section of the impeller. However, the results in
Pump A0 are much different. The intensity of CPsd

under the condition having positive slope (OPD) is
higher than that under normal condition (OPA).
Thus, strong pressure fluctuation is a typical charac-
teristic as the positive slope phenomenon occurs, and
the pressure fluctuation is smaller under the relative
stable condition, OPA.

Figure 12. Standard deviation of pressure fluctuations on

mid-span section under two part-load conditions: (a) Pump A;

(b) Pump A0.
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Instability analysis based on Rayleigh–Taylor criterion.

Rayleigh–Taylor (R–T) criterion8 is one useful
method to analyze flow instability, and it is suitable
for the cases when the fluid rotates or encounters a
curved surface. This kind of instability is named as
‘‘centrifugal instability.’’ In this subsection, R–T cri-
terion is utilized to investigate the flow instability
under two typical conditions (OPA and OPD) in
Pump A0.

For R–T criterion, vortices in blade-to-blade pas-
sages are selected for analysis. The location of vortex
core is named as ‘‘C.’’ The radius of one initial fluid
particle named as ‘‘A’’ in a vortex is r1, and the angu-
lar speed is �1. At the other instant, the fluid particle
propagates to the location ‘‘B,’’ and the radius and
angular speed are r2 and �2, respectively. A hypoth-
esis for the inviscid flow is applied; if r1< r2, (�1

r21)< (�2 r22), the vortex is in a stable state. Otherwise,
the vortex is in an unstable state. If flow particles are
under ‘‘centrifugal instability’’ state, they would propa-
gate downstream due to the centrifugal force.

Figure 13 shows the vortices in the blade-to-blade pas-
sages under two typical conditions. In Figure 13(a), A1 is
the fluid particle at one instant, B1 is the fluid particle
at another instant, and C1 is the location of vortex
core. As shown in Table 2, at the instant of t¼ 26Tn

under condition of OPA, it is noted that r1> r2, and (�1

r21)> (�2 r
2
2). According to the criterion, this vortex is

in a stable state; the fact has been confirmed by the
above discussion. As for the vortex under the condition
of OPD, it is found that when r1< r2, (�1 r

2
1)> (�2 r

2
2).

The results indicate that the vortex in the blade-to-
blade passage is the unstable state under the condition
of OPD. Thus, the flow instability in the present study
is ‘‘centrifugal instability.’’

Unsteady radial forces. The radial forces have been cal-
culated at each instant. The non-dimensional radial
force coefficient Cfr is defined in equation (23)

Cfri ¼
Fx tið Þ

2
þFy tið Þ

2
� �1

2

1
2 �u

2
2�D2b2

ð23Þ

where subscript i means the ith time step. Fx(ti) and
Fy(ti) are instantaneous x and y components of radial
force, respectively.

Figure 14 shows unsteady radial forces under two
part-load conditions in the Pump A0 during nearly 26
impeller rotation cycles. At operation OPA, the radial
force oscillates periodically with the same cycle of
impeller rotation. Under the condition of OPD, the
radial force oscillates with two different cycles: one
is the same cycle of impeller rotation and another is
much longer cycle due to the propagation of rotating
stall cells. It is clear that the flow instability due to

Figure 13. Vortices under the condition of: (a) OPA at t¼ 26Tn; (b) OPA at t¼ 30Tn; (c) OPD at t¼ 26Tn; (d) OPD at t¼ 30Tn.

Figure 14. Unsteady radial force under two part-load

conditions.

Table 2. Instability analysis with R–T criterion under different

conditions.

Condition r1 r2 �1 r2
1 �2 r2

2

a 0.0104 0.0092 1.76� 10�3 1.66� 10�3

b 0.0139 0.0750 2.33� 10�3 9.04� 10�2

c 0.0081 0.0126 1.44� 10�3 4.83� 10�4

d 0.0224 0.0154 1.25� 10�4 1.7� 10�3
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propagation of the rotating stall cells induces
unsteady radial force, which is harmful to the units.

Outlet pipe

As stated by Newton et al.,41 the source of entropy in
an adiabatic device is related with the efficiency of
fluid machinery. In the outlet pipe, the entropy gen-
eration rate per unit volume is defined by equation
(24) to explore the dissipation of mechanical energy
into entropy from the perspective of the viscous stress
dissipation, which is one part of the head loss in
the pump

�¼
1

T
�ij
@ui
@xj
þ
�t

�
�ij
@ui
@xj

� �
ð24Þ

where �T is the average temperature, and it is a con-
stant in the current study, and ��ij is a viscous stress
tensor, defined by equation (25)

�ij¼l r � uð Þ
ij þ 2�"ij ð25Þ

where l is the viscosity coefficient and "ij is the shear
strain tensor.

As shown in Figure 15, significant entropy gener-
ation is mainly captured at the entrance of the outlet
pipe of Pump A0 under condition of OPD. The large
value of entropy generation rate means large hydrau-
lic loss due to the sudden change of flow direction
there. The entropy generation rate decreases along
the downstream direction in the outlet pipe.

Head loss analysis based on energy equations

As discussed above, the flow information under low
flow rate conditions varies from that under positive

slope conditions in Pump A0. In this section, head loss
analysis based on energy equations is introduced to
further explore the mechanism of positive slope under
two typical conditions, OPA and OPD, in Pump A0.

Wilhelm et al.42 established a detailed energy bal-
ance in a draft tube to investigate the head loss. Based
on this concept, Lu et al.16 have developed the energy
balance equations which are utilized for energy loss
analysis in an airfoil, cascades, and a pump-turbine.

The energy balance equation is illustrated as
follows

Pin ¼ Pe þ Pl ð26Þ

Pl ¼ ��g�HQv ¼

Z Z Z
V

@

@t

1

2
�u2

� �
dV

�

Z Z Z
V

@ �ui�u0iu
0
j

	 

@xj

dV�

Z Z Z
V

�
@ uiDij

� �
@xj

dV

þ

Z Z Z
V

��u0iu
0
j

	 
 @ui
@xj

dVþ

Z Z Z
V

�Dij
@ui
@xj

dV

ð27Þ

Dij ¼
@ui
@xj
þ
@uj
@xi

ð28Þ

��u0iu
0
j ¼ �t

@uj
@xi
þ
@ui
@xj

� �
�
2

3

ij�k ð29Þ

where Pin is the input power, and Pe and Pl stand for
the effective power and power loss, respectively.

In equation (27), the first term on the right-hand
side (named as Pl1) is change rate of mean kinetic
energy. The second term (Pl2) and third term (Pl3)
are the diffusion of the Reynolds stress and viscous
stress. The fourth term (Pl4) represents the turbulent
kinetic energy production. And the last term (Pl5) is

Figure 15. Entropy generation rate in outlet pipe of Pump A0 under condition of OPD.
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viscous dissipation of mean kinetic energy. As shown
in equation (28), Dij is a shear strain tenor. Based on
Boussinesq approximation, Reynolds stress is orga-
nized according to equation (29). Other parameters:
� is dynamic viscosity, �t is Eddy viscosity, and 
ij is
Kronecker function.

Based on equation (27), equation (30) is applied to
evaluate the head loss in a pump

�H ¼
Pl

��gQv
ð30Þ

The definition of head coefficient, i.e. equation (11)
is used to achieve the non-dimensional head loss par-
ameter � for the head loss �H. Consequently, the
head loss components derived from equation (27) can
be calculated. The non-dimensional parameters of
head loss � 1�� 5 correspond to the power losses
Pl1�Pl5.

In the high Reynolds number simulations, the term
of diffusion of viscous stress (� 3) is negligible in the
current paper. In addition, compared with � 4, � 5,
and � 2, � 1 (change rate of mean kinetic energy) is
extremely small. Thus, Figure 16 shows the distribu-
tions of � 4, � 5, and � 2 in the impeller under
four part-load conditions. It is noted that the term
of turbulent kinetic energy production corresponding
to Pl4 or � 4 is the main component of head loss in
the impeller of Pump A0, indicating that the mean
kinetic energy is mainly transferred to turbulent kin-
etic energy. It is clear that head loss under the condi-
tion of OPC is the lowest. Compared with the
condition of OPC, the head loss under the condition
of OPB is larger due to the strong separation flow in
the impeller. It should be noted that the large head
loss at OPB results in the positive slope in character-
istic curve for Pump A0.

Conclusions

In this study, a PANS model based on the standard
k–" model is applied to investigate the unsteady flow
in centrifugal pumps with different inlet pipe under
part-load conditions. The flow instability is analyzed
from different viewpoints such as Batchelor vortex
family, R–T criterion, entropy generation rate, etc.
Based on these results, the following can be concluded:

1. The present simulation using PANS model is
acceptable compared with the experiment data
for Pump A (i.e. the tested pump), and the current
turbulence model is applicable to investigate the
flow instability in a centrifugal pump.

2. No matter the geometry of the inlet pipe, the pre-
swirling flows in the inlet pipe are in a CI region.
Under the part-load condition of OPA, the axial
vorticity coefficient is affected by the geometries of
inlet pipe. Under the part-load condition with rotat-
ing stall, e.g. OPD, the flow in the inlet pipe is
affected by the unstable flow in the pump impeller.

3. For the pump with straight inlet pipe, the vortex
inside the blade-to-blade passages is in a stable
state according to R–T criterion under the condi-
tion of OPA. And it is in the unstable state due to
the centrifugal instability near the condition
having positive slope (e.g. OPD). The oscillations
for pressure and radial force are dependent on the
propagation of the rotating stall cells.

4. Head loss analysis based on energy equations eluci-
dates that that turbulent kinetic energy production
term is predominant in head loss in pump impeller.
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Appendix

Notation

a external axial velocity of a Batchelor
vortex

Cfri instantaneous radial force coefficient
Cp frequency spectra of pressure coefficient

amplitude
CPsd standard deviation of pressure

fluctuation
D* diameter of inlet tube
fk unresolved-to-total ratio of turbulent

kinetic energy
f" unresolved-to-total ratio of dissipation
k turbulent kinetic energy
p�i instantaneous pressure

P production term of k
Pe effective power
Pin input power
Pl power losses
q swirl ratio of a Batchelor vortex
Q* volume flow rate at inlet tube
(r*, 	*, z*) radial, azimuthal, and axial coordinates

of the cylindrical system
R* a measure of the vortex core radius of a

Batchelor vortex
u a superscript denoting unresolved term
U*(r*) radial velocity
vi fluctuation component of velocity
V*(r*) azimuthal velocity
Vi partially averaged velocity Vi

V�i instantaneous velocity
V�0 averaged velocity at the inlet tube
W*(r*) axial velocity
W�c centerline axial velocity of a Batchelor

vortex
W�1 freestream axial velocity of a Batchelor

vortex

" turbulent dissipation rate
� flow rate coefficient
� efficiency
� power coefficient
� (V�i , V

�
j ) subfilter scale tensor

� Eddy viscosity
!z axial vorticity coefficient of a Batchelor

vortex
� entropy generation rate per unit volume
 head coefficient
� the local grid size
� Taylor turbulence length scale
��c rotation rate at the axis of a Batchelor

vortex
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